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ARTICLE INFO ABSTRACT

Dataset link: https://data.mendeley.com/datas Integrating high-temperature heat pumps (HTHPs) into industrial energy systems and district heating networks
ets/56m3dd55zf/1, 10.17632/56m3dd55zf.1 offers a promising pathway towards CO,-neutral heat supply. To ensure reliable performance under fluctu-
Keywords: ating demand profiles, relevant research tasks include suitable compressor design, working fluid selection,
HTHP and detailed understanding of variable operating behaviour. The present study investigates the off-design
Part-load characteristics and part load optimisation of a laboratory-scale HTHP test rig equipped with an internal heat
Off-design exchanger (IHX), reciprocating compressor with water-cooled cylinder heads (CHC) and a maximum thermal
Experimental study capacity of 37 kW. Off-design behaviour is analysed by varying the supply temperature from 75°C to 140°C
Optimisation at nominal compressor speed. The results show a linear decrease in the coefficient of performance (COP)
Compressor waste heat utilisation with increasing temperature lift, ranging from a maximum COP of 4.83 at minimal lift to 1.93 at the highest

Cylinder head cooling supply temperature. Part load behaviour is investigated across compressor speeds from 758 rpm to 2100 rpm

for multiple supply temperatures, revealing speed-dependent COP optima shifting towards higher speeds with
increasing supply temperature. Optimisation measures include variation of superheat at evaporator outlet
through an electronic expansion valve and the control of suction gas superheat by thermal recuperation using
the IHX. At a supply temperature of 120°C, these strategies result in COP improvements of up to 22% at
minimum speed. The results demonstrate that a variable IHX heat-transfer area has the greatest influence
on HTHP efficiency. Additionally, CHC further enhances performance at higher speeds by reducing discharge
temperatures and enabling increased heat recuperation without exceeding thermal limits.

1. Introduction JeBberger et al. [2] show that district heating networks and geother-
mal heat sources exhibit significant hourly variations in heat demand
Mitigating global warming through the decarbonisation of the en- and supply temperatures, requiring flexible part load operation of
ergy sector represents one of the most pressing challenges of our time. integrated heat pumps. Similarly, Foslie et al. [3] report that industrial
Although the heating sector accounts for more than 50% of final energy facilities, such as dairies, have also highly dynamic hourly heating,
consumption in Europe, the share of renewable energy sources in this cooling and electricity loads, which highlights the need for adaptive,
sector remained at approximately 26.2% in 2023 [1]. The integration load-dependent heat pump control. Furthermore, Persson and Bernts-
of large-scale or high-temperature heat pumps (HTHPS) into the energy son [4] demonstrate that seasonal and operational fluctuations can
system offers a promising pathway for providing thermal energy in significantly affect heat demand profiles and the potential for energy
a sustainable and resource-efficient manner. However, HTHPs should savings. Consequently, the importance of designing heat pump systems
not be deployed solely for base load supply. Their use in modular that can maintain efficient performance even under unstable conditions
and cascaded configurations, combined with coordinated integration is emphasised. This underscores the substantial need for efficient and
into the electrical energy system, is particularly relevant. Furthermore, flexible system operation in many different applications.
applications involving peak load coverage and simultaneous heating The corresponding HTHP market is experiencing significant growth.
and cooling are of considerable interest. In this context, Arpagaus et al. [5] identified 26 commercially available
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HTHPs with maximum supply temperatures above 90°C as early as
2018, with investment costs ranging from 100€kW~! to 1000€kW!,
Overall, commercially mature technologies in 2018 achieved heating
capacities between 20kW and 20 MW.

Project 68 of the International Energy Agency (IEA) provides a
detailed overview of the current state and development of industrial
HTHPs with supply temperatures above 100°C in its 2025 annual
report [6]. The report is based on data from 55 manufacturers and 40
demonstration projects and clearly shows that the market is growing
rapidly. While technologies operating in the 120 °C to 160 °C range are
leaving the pilot stage and becoming commercially available, solutions
for temperatures above 160 °C and large-scale systems exceeding 10 MW
are also making substantial progress.

The market is segmented into TRLs (Technology Readiness Levels)
according to the temperature range [6]:

+ <120°C (Established): Broad availability (TRL 9) based on in-
dustrial refrigeration technology employing reciprocating and
screw compressors. Refrigerants predominantly include ammonia
(R717), hydrochlorofluoroolefins (HCFOs), and, in some cases,
hydrocarbons.

120°C - 160°C (Commercialisation): This range represents the
transition from demonstration to standardised commercial prod-
ucts. Screw compressors and, increasingly, turbo compressors are
used, operating with hydrofluorolefine (HFOs), hydrocarbons, or
water/steam.

>160°C (Demonstration & Pilot): The focus here lies on steam
compression and specialised cascade systems (e.g., hydrocarbon
cycle coupled with steam compression). Turbo compressors, oil-
free reciprocating compressors, and rotary compressors are ap-
plied.

For large-scale systems (> 10 MW), turbo compressors using refrig-
erants such as water or CO, dominate, as economies of scale signifi-
cantly reduce costs. Investment costs vary widely between 300 €kW™!
and 1500€ kW~', with standardised modules (0.5 MW to 2 MW) often
reaching a cost optimum around 500 € kW',

Due to the lack of detailed performance data, experimental studies
are required to understand and investigate system performance beyond
the design point. The number of publications on HTHPs has been in-
creasing annually [7], as has the number of review articles. Bamigbetan
et al. [8] identify current research challenges related to refrigerant
selection, innovative refrigerant blends, and cascade systems. In partic-
ular, they highlight the need to investigate higher pressure ratios and
compressor cooling. Arpagaus et al. [5] emphasise the importance of
minimising heat losses and oil lubrication, as well as studying upscaling
for industrial applications. Adamson et al. [9] identify the significant
potential of transcritical systems and formulate six challenges together
with corresponding solution approaches. Sun et al. [10] and Jiang
et al. [11] complement this by addressing efficiency improvements
at high temperature lifts and the development of large-scale HTHPs
exceeding 1 MW of thermal capacity. Khalid et al. [12] also focus
on improving compressors and optimising heat transfer by reducing
temperature differences and enabling oil-free operation. Ma et al. [13]
and Klute et al. [14] provide a comprehensive overview of steam-
generating HTHPs, presenting different technologies such as direct and
indirect steam generation, as well as various refrigerant cycle config-
urations, including single-stage, multi-stage, and cascade systems. El
Samad et al. [15] give a detailed overview of compressor technolo-
gies for HTHPs and their associated challenges at high temperatures.
They conclude that reciprocating and screw compressors are the most
commonly used technologies for HTHPs, while turbo compressors may
gain importance in smaller capacity ranges in the future due to their
good temperature resistance and efficiency. Tijani et al. [16] provide
an overview of refrigerant—oil compatibility for various cycle concepts
and highlight the importance of oil selection for the reliable operation
of HTHPs, considering both synthetic and natural refrigerants.
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The previously mentioned review studies indicate that reciprocating
compressors are frequently employed in HTHPs and that state-of-the-art
heat pump cycle designs include internal heat exchangers (IHXs). The
open research questions primarily concern efficiency improvements,
refrigerant-oil interactions, optimisation of compressor technologies,
and the scaling-up of HTHPs for industrial applications. The following
section provides a detailed overview of the current state of research
on HTHPs, with a particular focus on experimental work. Table 1 and
Table 2 summarise the most relevant experimental HTHP studies of
recent years, listing the study focus, thermal capacity of the heat pump,
and publication year. The works differ in their research emphasis: while
early studies such as that by Pan et al. [17] investigate the technical
implementation and initial characterisation of HTHP, later studies focus
on the use of different refrigerants. Arpagaus and Bertsch [18,19]
compare various HFO/HCFO refrigerants in terms of their performance
at high supply temperatures of up to 150°C. Xu et al. [20] implement
an innovative HTHP concept by providing 100 °C hot water from
ambient air. Bamigbetan et al. [21] develop the first HTHP based
on hydrocarbons (butane) and investigate compressor performance at
high temperatures. Navarro-Esbriet al. [22] use experimental results
from two single-stage HTHPs to simulate a cascade configuration. Jiang
et al. [23] present an innovative heat pump design featuring a radial
compressor and achieve a COP of 3.67 at supply temperatures of 100 °C.
Ramirez et al. [24] introduce a novel HTHP design incorporating a
subcooler and an IHX. Studies by Ma et al. [25] and Wu et al. [26] focus
on cascade and two-stage HTHPs to achieve high supply temperatures
while maintaining acceptable pressure ratios. Overall, the experimental
studies demonstrate the continuous evolution of HTHP technology,
with a particular emphasis on improving efficiency, expanding the
application range, and applying new refrigerants.

The presented studies emphasise the broad field of experimental
investigations; however, only limited datasets for part load conditions
are available and analysed [33,34,37]. These include the performance
maps of Hassan et al. [34] who evaluated an HTHP under varying com-
pressor speeds and heat source temperatures between 40 °C and 100 °C,
but with a fixed heat sink temperature above 130°C, and without an
IHX, thereby excluding any influence of recuperation or controllable
suction gas superheat. Jef3berger et al. [33,37] present different mea-
surement campaigns focusing on off-design performance at varying
heat sink temperatures for a fixed compressor speed, as well as part
load behaviour across the entire compressor speed range at a fixed heat
sink temperature of 120 °C. Additionally, the influence of suction gas
superheating was investigated by adjusting the recuperated heat in the
IHX to optimise part load behaviour. However, these previous part load
behaviour studies focused only on a single supply temperature level
without assessing how part load characteristics change across multiple
supply temperature levels. Due to fluctuating heat demands and heat
source conditions, the part load behaviour of HTHPs is a critical aspect
to consider when designing and operating a heat pump for various
applications. The present study aims to address this research gap by
characterising the part load and off-design performance of a lab-scale
HTHP at several supply temperature levels. Subsequently, the part load
performance at a source temperature of 60 °C and a supply temperature
of 120 °C is optimised by controlling the recuperated heat in the internal
heat exchanger, utilising the compressor’s waste heat and varying the
superheating after the evaporator. The results of this study provide
valuable insights for the integration of HTHPs into industrial energy
systems and district heating networks.

2. Methodology

The present study extends the work of Jef3berger et al. [37], which
introduced initial investigations into the optimisation of the part load
behaviour of an HTHP. The current work builds upon this founda-
tion, expanding the scope by incorporating the characterisation of part
load performance across multiple supply temperature levels, a detailed
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Table 1
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Overview of experimental studies on high-temperature heat pumps (part 1).

Author Focus

QOsink Year

Pan et al. [17]
refrigerants

« Comparison of different natural and synthetic 5 kW 2011

- Evaporation temperature from 30 °C to 55 °C
« Condensation temperature from 60 °C to 100 °C

Zhijiang et al. [27]

« Characterisation of an HTHP using R1234ze(E)

15 kW 2015

« Supply temperatures up to 85 °C
« Discharge temperature limited to 110 °C

Lee et al. [28]
« Comparison with R134a

« Variation of refrigerant charge

« Solar-assisted HTHP with R1233zd(E) 3 kW 2018

Arpagaus and Bertsch [18]

+ Comparison of HFO/HCFO refrigerants

11 kW 2019

« Temperature lift from 30 K to 70 K
« Supply temperature up to 150 °C

Arpagaus and Bertsch [19]

« Comparison of R1233zd(E) and R1336mzz(Z)

11 kW 2019

« Temperature lift from 30 K to 70 K
« Supply temperature up to 150 °C

Shah et al. [29]
« R245fa simulated

« Comparison of R1233zd(E) and R245fa

13.8 kW 2019

« Supply temperature up to 135 °C

Mateu-Royo et al. [30]
compressor

« Characterisation of an HTHP with R245fa using a scroll

17 kW 2019

« Supply temperatures up to 140 °C
« Heat source temperature from 60 °C to 80 °C

Bamigbetan et al. [21]
high temperatures

« Experimental analysis of a hydrocarbon compressor for

20 kW 2019

« Suction gas temperatures up to 80 °C
« Discharge gas temperatures up to 140 °C

Arpagaus and Bertsch [31]

« Comparison of R1233zd(E) and R1224yd(Z)

11 kW 2020

« Temperature lift from 30 K to 70 K
« Supply temperature up to 150 °C

Arpagaus and Bertsch [32]

+ Comparison of HFO/HCFO refrigerants

11 kW 2021

« Temperature lift from 30 K to 70 K
« Supply temperature up to 150 °C

evaluation of various thermodynamic cycle parameters, and systematic
optimisation strategies. Consequently, the fundamental experimental
setup and control concepts established in the preceding study are
adopted from [37] without modification. A comprehensive dataset of
all experimental measurements is publicly available, see Jef3berger
et al. [38], ensuring full comprehensibility and transparency of the
presented analyses. The following sections describe the system setup,
control and safety concept, as well as the experimental procedures
applied in this study.

2.1. Experimental setup

Previous publications have provided comprehensive descriptions of
the experimental setup (see [2,37,39]). However, for completeness, the
concept of the HTHP test rig is briefly reiterated here, following the de-
scription provided in [37]. As shown in Fig. 1, the flowchart illustrates
the key components and layout of the HTHP test rig. The work-
ing fluid utilised in this study is trans-1-Chloro-3,3,3-trifluoropropene
(R1233zd(E)), an HCFO with a global warming potential (GWP) of 1
CO,e and an ozone depletion potential (ODP) of 0.00034 R-11e [40].
Due to its low GWP and non-flammable nature, this refrigerant rep-
resents a safe and efficient choice for laboratory-based experimental
investigations. The heat pump circuit, featuring insulated pipes and
heat exchangers, is described below with reference to the flow chart.

Referring to Fig. 1, the compressor is located between state points
1 and 2. From there, the compressed and superheated working fluid
proceeds to the oil separator manufactured by ESK Schultze (model:
BOS2-R-35/28F), where liquid oil droplets are filtered out of the high-
pressure gas to prevent impairment of heat transfer. Earlier substance
data measurements show that the oil separator separates over 95%
of the oil out of the refrigerant and is therefore negligible in the

heat exchanger calculations. The oil is returned via an electronic oil
level regulator located at the compressor sump when the oil level
drops. From the oil separator, the high-pressure gas at state point 3
enters the condenser to release thermal energy during condensation and
subsequent subcooling of approximately 3K to the heat sink. The con-
denser is a plate heat exchanger manufactured by SWEP (model: SWEP
B15T). All heat exchangers in the system operate in a counterflow
configuration to ensure the highest possible heat transfer efficiency.
The subcooled working fluid then enters a liquid receiver, which com-
pensates for load changes and serves as a reserve, before transferring
thermal energy to the low-pressure side via the internal heat exchanger
(IHX). Following the IHX, the working fluid undergoes an isenthalpic
expansion in the expansion valve prior to entering the evaporator.
The evaporator is also a plate heat exchanger from SWEP (model:
SWEP V80 x 40HT). It is equipped with a distribution device that
ensures the working fluid, which is in wet vapour condition after
expansion, is evenly distributed over the plates. This is important
to guarantee uniform heat transfer and to prevent the occurrence of
dry vapour in individual channels. The distribution device requires
a pressure difference of approximately 1bar to ensure optimal heat
transfer; consequently, the expansion valve does not expand the fluid
to the evaporator pressure directly, but part of the expansion takes
place within the distribution device itself. From the evaporator, the
superheated working fluid proceeds to the IHX, which can be bypassed.
The IHX is a plate heat exchanger manufactured by Alfa Laval (model:
CB30-34H) and serves to recuperate thermal energy not utilised in the
condenser back to the low-pressure side. The bypass enables electronic
control of the amount of recuperated heat and thus the regulation of
suction gas superheat. From the IHX, the working fluid returns to the
compressor, and the cycle repeats. The test facility is also equipped with
four sampling ports that allow for the extraction of both refrigerant
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Table 2
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Overview of experimental studies on high-temperature heat pumps (part 2).

Author Focus

Ogink Year

Xu et al. [20]

« Air-to-water HTHP with R134a 2.8 kW 2021

* Supply temperatures up to 100 °C

« Heat source at 25 °C

JeBberger et al. [33]

« Part load behaviour of an HTHP 35 kw 2022

« Temperature lift from 25 K to 45 K
« Supply temperature up to 104 °C

Hassan et al. [34]

- Part load behaviour of an HTHP 22 kW 2022

« Development of characteristic maps for thermal storage
« Condensation temperature of 138 °C

Chen and Kyung Kwon [35]

» Comparison of R1233zd(E) and R245fa 9 kW 2022

+ Condensation temperature from 66 °C to 74 °C
« Evaporation temperature from 32 °C to 38 °C

Navarro-Esbriet al. [22]
R1336mzz(Z)

« Two single-stage HTHPs using R1234ze(E) and 14 kW 2022

+ Adaptation for cascade operation
« Supply temperatures up to 150 °C

Jiang et al. [23]

« Innovative heat pump design with radial compressor

381 kW 2023

+ Temperature lift from 30 K to 50 K
« Supply temperature up to 100 °C

Navarro-Esbriet al. [36]

« HTHP with R1336mzz(Z) using a scroll compressor
« Focus on temperature and compressor performance
« Supply temperatures up to 160 °C

12 kW

2023

Ramirez et al. [24]

« Innovative HTHP design with subcooler and IHX

66 kW

2024

« Provision of sensible and latent heat
« Supply temperatures up to 148 °C

JeBberger et al. [37]

behaviour of an HTHP

« Variation of rotational speed

+ Characterisation and optimisation of part load 35 kW 2025

« Compressor waste heat utilisation

Ma et al. [25]

cascaded HTHP

« Characterisation of the operating behaviour of a 20 kw 2025

« Investigation of the effect of refrigerant charge
« Supply temperatures up to 142 °C

Wu et al. [26]

« Two-stage HTHP with R1233zd(E)

100 kW 2025

+ Maximum temperature lift of 100 K
« Supply temperatures up to 145 °C

Table 3
Components of the test rig.
Component Description
Compressor Four-cylinder reciprocating compressor, Bitzer

Frequency inverter

Oil separator
Condenser

Liquid receiver
Expansion valve
Internal heat exchanger
Evaporator

Refrigerant charge

0il

Refrigerant
Heating capacity

4JE-22Y

Swept volume: 0.73 1

25 Hz-70 Hz, Bitzer FOY+ 39-4

ESK-Schultze BOS2-R-35/28F

SWEP B15T, plate heat exchanger, 1.29 m?

Bitzer F202H

Danfoss, ICMTS

Alfa Laval CB30-34H, plate heat exchanger, 1.2 m?
SWEP V80 x 40HT, plate heat exchanger, 2.28 m?
28 kg

POE oil Bitzer BSE 85K,

viscosity of 80 mm?/s at 40 ° C [41]

Honeywell Solstice® R1233zd(E)

~ 35 kW

and oil samples. These sampling ports are equipped with commercially
available ball valves and Swagelok valves, enabling easy and rapid
sampling without impacting the system. The sampling locations, de-
picted in Fig. 1, include the high-pressure gas line, the oil return line,
the section between the oil separator and the condenser, and after the
liquid receiver between state points 4 and 5. These ports allow for
fluid analysis to investigate the influence of high-temperature operation
without the need to drain the system. For a better overview, Table 3
shows the components of the test rig.

2.2. Secondary circuits

The secondary circuits are responsible for heat transfer between the
working fluid and the heat source and heat sink, both operated with
water. The heat source is simulated by a temperature control unit from
HB-Therm (model: HB-Therm Thermo-5). A three-way valve regulates
the volumetric flow of the heat transfer medium and enables control of
the return temperature 7, ,. The supply temperature is automatically
controlled by the temperature control unit to the setpoint. The heat
sink requires a more complex control strategy to maintain constant
supply and return temperatures. For this purpose, a secondary circuit
between the building cooling network (light blue) and the HTHP is
used, shown in red in Fig. 1. This circuit is driven by a frequency-
controlled circulation pump from Grundfos (model: Magna3). The heat
sink circuit is connected to the building cooling network via a plate
heat exchanger from SWEP (model: B15Hx60). The hot water exits
the condenser at state point 3.01 and is cooled by the plate heat
exchanger to the set return temperature 75,,. An electronic heater
is connected downstream of the plate heat exchanger to compensate
for control-related fluctuations. To protect the circulation pump from
high temperatures, it is located on the cold side downstream of the
electronic heater. In addition to frequency control, the volumetric flow
is regulated by a bypass around the pump to enable particularly low
flow rates and thus large temperature differences.

2.3. Control concept

The test facility is controlled via a LabVIEW system by National
Instruments, enabling easy and fast adjustment of operating parameters
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Heat sink

Applied Thermal Engineering 302 (2026) 131700

3.01 ]

Oil separator
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Condenser
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IHX bypass

—>ed] Oil extraction

_
2,01

Expansion valve

—

Heat source

Evaporator

Fig. 1. System layout of the HTHP test rig.

and automatic data acquisition. The control is based on a PID controller
concept that regulates variable process parameters. The implemented
control loops are indicated with dashed lines in Fig. 1. In the refrig-
eration cycle, the opening degree of the expansion valve controls the
superheat after the evaporator (state point 9), and the bypass position
before the IHX regulates the suction gas superheat (state point 1). While
the primary function of the expansion valve is superheat control, it
also indirectly governs the refrigerant mass flow rate and the degree
of evaporator filling dynamics. However, over the 8 K superheat heat
range considered, the mass flow rate remained within a 2% difference.
On the heat source side, a bypass controls the return temperature 7, ,,
while the supply temperature is set directly at the temperature control
unit. On the heat sink side, the supply temperature 75, is regulated
by the position of the three-way valve, while the return temperature
T; o, is controlled by the bypass position before the cooling water heat
exchanger and the heating element. In the cylinder head cooling (CHC)
circuit, a manually operated three-way valve regulates the flow rate,
and a PID controller controls the flow through the cooling water heat
exchanger to regulate the injected temperature T ;.

2.4. Safety concept

The test facility is equipped with various safety devices to ensure
safe operation. These include high-pressure and low-pressure switches,
expansion tanks in the water circuits, and an emergency stop switch
that shuts down the entire system in an emergency. Additionally,
all system components are designed to withstand the high pressures
and temperatures. The compressor includes internal safety shutoffs;
however, only the oil differential pressure shutoff is activated because
the process temperatures exceed the manufacturer’s approved range.

2.5. Experimental procedure

The measurement uncertainties, as well as the error analysis using
Gaussian error propagation, are reported in JeBberger et al. [39].

Independently of these sensor uncertainties, steady-state operating con-
ditions were defined a priori to ensure efficient and reproducible
measurement campaigns. For experimental data acquisition, the heat
sink inlet and outlet temperatures (T3, and T3q;), as well as the
discharge temperature (T,), were required to remain within a band of
+1.5K over a period of 10min. Detailed uncertainty budgets for each
sensor are published in JeRberger et al. [39] and are therefore not
reiterated in this work. The uncertainties of all reported quantities are
determined using Gaussian error propagation. The variable contribu-
tions to the uncertainty are sufficiently small to be fully covered by
the symbol size in all figures, while the constant components do not
influence the interpretation of the results and are thus not considered
further.

Table 4 summarises the conducted measurement campaigns and il-
lustrates the ranges of the experimentally varied parameters, including
compressor speed n, suction gas superheat, and temperatures. The base
scenario (BS) conditions are defined as follows:

+ Heat source: inlet temperature 60 °C, temperature difference 10 K
+ Heat sink: outlet temperature 120 °C, temperature difference 60 K

The first measurement campaign investigates the off-design be-
haviour of the HTHP by varying the heat sink outlet temperature from
75 °C to 140 °C at a compressor speed of 1517 rpm corresponding to
a net frequency of 50 Hz. The evaporator superheat is set to 5K for all
operating points. The IHX bypass valve is adjusted to achieve a suction
gas superheat of 20K at the BS and is subsequently kept constant across
all operating points. This approach simulates a fixed IHX heat transfer
surface without active superheat control, as would be the case in a
real application. Consequently, the suction gas superheat may deviate
slightly from 20K under different operating conditions. In addition to
the variation of temperature lift, the influence of temperature differ-
ences between the inlet and outlet flow of the heat sink and heat source
will be investigated. The heat sink outlet temperature is therefore fixed
at 100°C, while the return temperature is adjusted between 30 °C
and 90 °C. Similarly, to investigate the influence of the temperature
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Table 4

Ranges of experimentally varied parameters.
Campaign Tinkin (°C) Toinkou (°C) Toourcein (°C) Toourceou (°C) n (rpm) SH; o1 (K) SH; g9 (K)
BS 60 120 60 50 1517 20 5
Off-design 60 75-140 60 50 1517 20 at BS 5
Part load 60 90-120 60 50 750-2100 20 at BS 5
Influence SH 60 120 60 50 750-2100 variation 5
Influence SH 49 60 120 60 50 750-2100 20 at BS 3-11
Variation AT,y 30-90 100 50 40 1517 33 5
Variation AT, 50 100 50 35-43 1517 33 5
Optimisation part load 60 120 60 50 750-2100 optimisation optimisation

difference at the heat source, the heat source inlet temperature is fixed
at 50 °C and the return temperature is varied between 35 °C and 43 °C.
The second measurement campaign focuses on the part load behaviour
of the HTHP by varying the compressor speed between 750 rpm and
2100 rpm for different supply temperatures. The superheat settings
are consistent with those applied in the off-design investigations, with
a constant evaporator superheat of 5K for all measurement points
and a fixed IHX bypass valve position corresponding to a suction gas
superheat of 20K at the BS conditions.

Based on these investigations, the part load behaviour of the HTHP
is optimised by adjusting the superheat at the evaporator outlet and the
recuperated thermal energy in the IHX. The optimisation is conducted
for each compressor speed, varying the frequency in increments of
5 Hz from 25 Hz to 70 Hz, to identify the optimal combination of
evaporator superheat and IHX split flow ratio. For safety reasons, the
suction gas temperature is hereby limited to a temperature of 90 °C and
the discharge gas temperature to 145 °C. Additionally, the influence of
the CHC on the optimisation of part load behaviour is also considered.
The optimised scenario is finally defined as the operating point with
the highest COP at each compressor speed.

2.6. Evaluation of measurement results

After identifying the steady-state operating points, a detailed ther-
modynamic analysis is conducted at the system and component level for
the heat exchangers and the compressor. The compressor is evaluated
with respect to its isentropic and volumetric efficiencies. The isentropic
efficiency 7., is defined as:

Misen = we (£2s il (@)

el

where h, denotes the specific enthalpy at state point 1 and h,, the
isentropic enthalpy on the discharge side of the compressor. P, is the
electrical input power, and sy is the refrigerant mass flow rate.

The volumetric efficiency of the compressor represents the ratio
between the actual refrigerant volume flow rate and the theoretically
possible volume flow rate. The theoretical volume flow rate can be
calculated from manufacturer specifications as:

I'/ideal=z~7r-r2~s~n (2)

where z is the number of cylinders, r the cylinder inner radius, s the
piston stroke, and n the rotational speed. Accordingly, the volumetric
efficiency is given by:

14
VWE 3
74

ideal
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To focus on the system performance, the heat exchangers are analysed
with respect to the heat losses. Here, the heat losses of the condenser
are in focus relative to the thermal energy supplied to the heat sink
circuit. On system level the COP leads to:

cop = Sk “

el

where Qg is the thermal capacity of the heat pump and P, the elec-

trical power consumption. Taking the CHC into account the COPgy¢

leads to:

Ogink + Ocuc
P,

el

COPoyc = 5)
where Qcyc is the utilised waste heat of the compressor. The temper-
ature lift of the HTHP is defined as:

ATLif[ = T;ink,out - Tsource,in (6)

3. Results

This section presents the results of the conducted measurements
described in Chapter 2.5 on the off-design and part load behaviour
of the HTHP. First, the operating behaviour of the HTHP in off-design
operation is discussed. Subsequently, the measurement results for part
load operation at variable compressor speed are presented and anal-
ysed. Finally, the performance in part load operation is optimised in
order to improve the efficiency of the HTHP under flexible operating
conditions.

3.1. Characterisation of operating behaviour in off-design

The off-design operation is of great importance for the flexibil-
ity and adaptability of the HTHP to varying operating conditions.
Therefore, the influence of the temperature lift and the effect of vari-
able temperature differences in the heat source and sink circuits are
described and analysed below.

The influence of the temperature lift is investigated at a compressor
speed of 1517 rpm with a constant evaporator superheat of 5K and
a suction gas superheat of 20K at BS conditions, with the IHX bypass
valve position kept constant across all operating points. The heat source
circuit inlet temperature is maintained at 60°C, with a temperature
difference of 10K. The supply temperature in the heat sink circuit
is varied from 75°C to 140°C, corresponding to a temperature lift of
15K to 80K. Figs. 2-5 present the influence of the temperature lift
on the COP, the required electrical compressor power (P,), pressure
ratio (IT) and heat sink capacity (Qy,)- The COP of the HTHP shows a
linearly decreasing behaviour with increasing supply temperature and
a corresponding increase in temperature lift. A maximum COP of 4.83
is achieved at a minimum temperature lift of 15K, while the COP drops
to 1.93 at a maximum temperature lift of 80 K. This behaviour can be
explained primarily by the significant increase of the pressure ratio as
the temperature lift rises (see Fig. 4). At a temperature lift of 15K, the
pressure ratio is 3.5, while at 80K it rises to 7. The increased pressure
ratio leads to significantly higher compressor work, which consequently
increases the required electrical compressor power (see Fig. 3) and thus
negatively affects the COP of the heat pump. Simultaneously, the heat
sink capacity decreases with increasing temperature lift, as the thermal
capacity of the condenser is reduced at higher supply temperatures
because of the increasing pressure ratio. At a temperature lift of 15K,
the heat sink capacity is 32.4 kW, while at 80K it drops to 18 kW. While
the required temperature lift is often predetermined when integrating
HTHPs into processes or district heating networks, the variation of
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Fig. 2. Off-design operation: COP as a function of temperature lift.

temperature differences in the heat source and heat sink circuits can be
used to optimise the operating behaviour of the HTHP. In the following,
the effects of varying the temperature difference at the evaporator
and condenser are therefore investigated, with a constant heat source
inlet temperature of 50 °C for both measurement campaigns. First, the
temperature difference at the evaporator is varied from 7K to 15K.
The supply temperature of the heat sink circuit is fixed at 100°C to
prevent the HTHP cycle from overheating and to ensure safe operation
when varying temperature differences. Figs. 6-9 show the results of
the off-design analysis with variation of the temperature difference at
the evaporator. The COP of the HTHP shows a linear decrease with
increasing temperature difference at the evaporator. At a temperature
difference of 7K, a maximum COP of 3.46 is reached, while at a
temperature difference of 15K, the COP drops to 2.95. This behaviour
can be explained by the decrease in evaporation pressure from 2.02 bar
to 1.51 bar as the temperature difference increases. The reduction
in evaporation pressure results in an increased pressure ratio in the
compressor, which rises from 5 to 6.3 (see Fig. 8). As described above,
the increased pressure ratio leads to a significant increase in electrical
power consumption, which negatively impacts the COP of the heat
pump. The heat sink capacity also shows a decreasing trend with rising
temperature difference, which is caused by the increased pressure ratio
and the associated reduction in thermal capacity at the condenser at
low evaporation pressures. At a temperature difference of 7K, the heat
sink capacity amounts to 22.65kW, while at 15K it drops to 16.04 kW.

The results demonstrate the significant impact of the heat source
conditions on the efficiency and performance of the HTHP. It is there-
fore recommended that the temperature difference at the evaporator
should be as low as possible in order to optimise the operation of the
heat pump.

The influence of the temperature difference at the condenser is also
of great importance for system integration. To investigate its impact,
the heat sink supply temperature is maintained at 100 °C, while the
return temperature is varied between 90 °C and 30 °C. Consequently, the
heat sink temperature difference is varied between 10K and 70K. The
inlet temperature of the heat source is set to 50 °C, with a temperature
difference of 10K. Figs. 10-13 illustrate the influence of varying the
temperature difference at the condenser on the operating behaviour of
the HTHP. Fig. 10 shows the COP as a function of the temperature
difference at the condenser. With increasing temperature difference,
the COP of the HTHP increases. At a temperature difference of 10K,
a minimal COP of 2.88 is reached, while at a temperature difference
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Fig. 3. Off-design operation: Electrical power as a function of temperature lift.
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Fig. 4. Off-design operation: Pressure ratio as a function of temperature lift.

of 70K, the COP rises to 3.39. This behaviour can be explained by the
strong decrease in condensing pressure (see Fig. 12) which accompanies
increasing temperature difference. The condensing pressure decreases
from 11.1 bar to 6 bar, resulting in a reduced pressure ratio in the
compressor. This, in turn, leads to a reduction in the required compres-
sor work, which has a positive impact on the COP of the heat pump.
Additionally, the heat sink capacity increases with higher temperature
differences at the condenser, as the thermal capacity of the condenser is
increased at lower condensing pressures. In this section, the off-design
behaviour of the HTHP was analysed in detail, whereby the influence
of the temperature lift as well as the temperature differences at the
evaporator and condenser were investigated. The results highlight the
importance of these parameters for the efficiency and performance of
the HTHP.

3.2. Characterisation of the part load performance

As described in Section 2.5, the part load behaviour of the HTHP
is examined by varying the compressor speed under constant boundary
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Fig. 6. Off-design operation: COP as a function of temperature difference at
the evaporator.

conditions. The supply temperature in the heat sink circuit is set to
four different levels: 90°C, 100°C, 110°C, and 120°C, with a constant
return temperature of 60 °C. The inlet temperature of the heat source is
set to 60°C for all measurement series, with a temperature difference
of 10K. The compressor speed is varied for each supply temperature,
ranging from 750 rpm to 2100 rpm, corresponding to a frequency range
of 25 Hz to 70 Hz.

Fig. 14 shows the log(p)-h diagram of the refrigerant R1233zd(E)
at a nominal speed of 1517 rpm for the different supply tempera-
tures. The overhanging wet-vapour region underscores the need for
sufficient superheat at the compressor inlet to prevent droplet erosion.
For optical clarity, the state point between expansion and evaporation
is recalculated to account for the use of a distribution device. Con-
sequently, pressure losses within the evaporator are not shown (see
Chapter 2). Figs. 15 and 16 show the COP as well as the electrical
compressor power P, as a function of the compressor speed n. The
compressor power increases linearly with increasing compressor speed
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Fig. 7. Off-design operation: Heat sink capacity as a function of temperature
difference at the evaporator.
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Fig. 8. Off-design operation: Pressure ratio as a function of temperature
difference at the evaporator.

and increasing supply temperature. In contrast, the COP does not show
consistent behaviour for the different supply temperatures. At a low
supply temperature of 90 °C, the heat pump reaches a maximum COP
of 4.67 at 750 rpm, which decreases with increasing speed. As the
supply temperature increases, the COP deterioration at lower speeds
intensifies, while at higher speeds it is less pronounced, resulting in
a speed- and temperature-dependent optimum. This optimum shifts
towards higher speeds as the supply temperature increases. At 100 °C,
this is at 905 rpm with a COP of 3.92; at 110°C, at 1058 rpm with a
COP of 3.33; and at 120°C, at 1211 rpm with a COP of 2.78.

To explain the COP curve, the following diagrams show various
process variables as a function of compressor speed. In Figs. 17 and
18, the thermal capacities of the heat source Q.. and the heat sink
Qg are presented as a function of the compressor speed n. Both
capacities increase with increasing speed, with the heat sink capacity
increasing significantly more than the heat source capacity. At a supply
temperature of 90°C and a compressor speed of 2100 rpm, the heat
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Fig. 9. Off-design operation: Evaporating pressure as a function of tempera-
ture difference at the evaporator.
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Fig. 10. Off-design operation: COP with variation of the temperature differ-
ence at the condenser.

sink capacity reaches its maximum of 37.0kW, while the heat source
capacity is at 27.7kW. At the minimum speed of 750 rpm, the heat
sink capacity is 15.65kW and the heat source capacity is 13.4 kW. This
corresponds to a reduction in thermal capacity of approximately 42.3%
for the heat sink capacity and 48.3% for the heat source capacity
compared to operation at maximum speed. At a supply temperature
of 120°C, a reduction in heat sink capacity to 35% at minimum speed
can be achieved. Figs. 19 and 20 show the isentropic and volumetric
efficiencies of the compressor as a function of compressor speed. The
isentropic efficiency shows a similar trend for all supply temperatures.
A maximum is reached at a speed between 1000 rpm and 1250 rpm,
while it subsequently drops by up to 8% absolute with increasing speed.
The volumetric efficiency shows a similar trend, although the decline
after the optimum is less drastic. The decreasing efficiencies at low
speeds below 1000 rpm can be explained by increased relative heat
losses, generated by the longer residence times in the compressor. This
behaviour can be explained by the dominant loss mechanisms of a
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Fig. 11. Off-design operation: Electrical power with variation of the temper-
ature difference at the condenser.
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Fig. 12. Off-design operation: Condensing pressure as a function of tempera-
ture difference at the condenser.

reciprocating compressor. At low speeds, the compression duration is
relatively long, which results in increased heat losses to the cylinder
wall. The compression thus proceeds closer to an isothermal change of
state, which leads to increased irreversible entropy production and thus
reduced isentropic efficiency. Concurrently, the longer residence time
in the clearance volume favours re-expansion processes and backflows,
thereby reducing the volumetric efficiency. With increasing speed,
these time-dependent losses decrease, and both efficiencies initially
increase significantly. Above the optimum speed, the trend reverses.
Higher piston speeds lead to greater flow and pressure losses at the
valves and in the inlet and outlet channels, which typically increase
with the square of the flow velocity. Additionally, there is an increase
in mechanical friction losses in bearings and piston rings. These effects
require greater real compression work and cause the working gas to
heat up above the isentropic level. This results in a significant drop in
isentropic efficiency as the speed increases. The volumetric efficiency
reacts less strongly to these effects, as it is primarily characterised by
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Fig. 13. Off-design operation: Heat sink capacity as a function of temperature
difference at the condenser.

the filling, clearance volume, and valve losses. Although valve inertia
and backflows also increase, they do not increase to the same extent
as the thermal and mechanical losses that dominate the isentropic
efficiency. Overall, this results in a shallower decline in volumetric
efficiency at high speeds.

The significant reduction in volumetric efficiency at elevated supply
temperatures results from the corresponding increase in condensation
temperature and pressure (see Fig. 23), which leads to an increase in
the pressure ratio of the compressor at an almost constant evaporation
pressure. Consequently, the volumetric losses that are characteristic
of reciprocating compressors increase significantly. A higher discharge
pressure leads to stronger re-expansion of the residual gas in the
clearance volume. At higher condensation pressures, the residual gas
has a higher density and temperature, resulting in greater expansion
during the return stroke and a larger displacement of the theoretically
available intake volume. This reduces the effective cylinder filling
and, accordingly, the volumetric efficiency. Furthermore, valve losses
also increase with increasing pressure ratio. Consequently, the inlet
valves must open against increased residual pressure, thus increasing
the effective pressure drop across the valve plate and throttling the
suction process. At the same time, increased backflows occur at the
exhaust valves, as the pressure differences become larger during the
switching processes. Both effects reduce the mass of the refrigerant
that is actually sucked in per working cycle and thus also worsen the
volumetric efficiency. Figs. 21-24 show both suction gas and discharge
gas pressures as well as condensing and evaporating pressures as a func-
tion of compressor speed at the different supply temperatures. While
the suction gas pressure (py,.) and the evaporating pressure (Peyap)
behave identically and decrease linearly with increasing compressor
speed at all supply temperatures, the discharge pressure (pg;;) and the
condensing pressure (p.,nq) Show a temperature-dependent behaviour.

The linear decrease of suction gas and evaporating pressure with
increasing compressor speed can be explained by two coupled effects.
Firstly, the compressor delivers a higher mass flow at higher speeds,
leading to increased flow losses in the suction line and the evapora-
tor. These pressure losses typically grow quadratically with the flow
velocity and thus approximately linearly with the speed. Secondly, the
thermal capacity provided by the heat source and the heat transfer
surface area of the evaporator are limited. The increased refrigerant
mass flow increases the evaporator heat demand, thus necessitating an
increase in the temperature difference to transfer the required heat.
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Consequently, the evaporation temperature and thus the evaporation
pressure are reduced. Both effects combined lead to the observed
linear drop in suction gas and evaporating pressure with increasing
compressor speed. The discharge pressure, measured at state point 2
(see Fig. 1), shows a clearly different behaviour depending on the
supply temperature. For the lower supply temperatures of 90 °C and
100 °C, the increase is approximately linear with increasing speed. This
is due to compression resulting in higher outlet pressures at higher mass
flows. However, at higher supply temperatures of 110 °C and 120 °C, this
behaviour changes fundamentally. In 110°C operation, the discharge
gas pressure increases up to a speed of about 1200 rpm and subse-
quently remains constant, while in 120 °C operation, it remains almost
constant over the entire speed range. This behaviour indicates that
at higher condensing temperatures, heat dissipation in the condenser
becomes limiting and the pressure cannot rise further because the heat
sink does not dissipate the increased heat output effectively enough.

The condensation pressure behaves inversely to the discharge pres-
sure. At 90°C p.ynq remains almost constant while pg;, increases with
speed, whereas at 120°C, p.,,q decreases while py;; remains constant.
This can be explained by the pressure losses in the oil separator,
which is located between the compressor outlet (state point 2) and
the condenser inlet. The pressure difference between discharge gas
and condensing pressure (4p = pgis — Peond) COrresponds to the pres-
sure loss in the oil separator, which increases with the square of the
flow velocity and thus approximately linear with the speed. In 90°C
operation, the increase in discharge gas pressure exactly compensates
for the increasing pressure losses in the oil separator, so that the
condensing pressure remains almost constant. Conversely, in the 120 °C
operation, the discharge gas pressure remains constant across the entire
speed range, while the pressure losses in the oil separator exhibit an
increase with increasing speed. This results in a linear decrease in the
condensing pressure. The high pressure losses can be explained by the
strong solubility of the refrigerant in the oil.

Figs. 25 and 26 show the relative heat losses in the condenser
as well as the pressure loss in the oil separator as a function of
compressor speed. The heat losses in the evaporator are significantly
lower, so they can be neglected in the analysis. The highest heat losses
in the condenser are observed at low compressor speeds for all supply
temperatures. In 90 °C operation, the losses at 750 rpm amount to about
2% of the heat sink capacity and decrease with increasing speed to
about 0% at 1058 rpm. At higher supply temperatures, the losses are
significantly higher. In 120 °C operation, the losses at 750 rpm amount
to about 8% of the heat sink capacity and decrease with increasing
speed to about 2% at 2100 rpm. This behaviour can be explained
by the significantly larger temperature difference between refrigerant
and ambient temperature at higher supply temperatures. Furthermore,
the longer residence times in the condenser at low speeds result in
increased heat losses through the condenser shell. In combination with
the presented curves of the compressor efficiencies, the behaviour of
the COP in part load operation can be explained. At low speed, the heat
losses in the condenser, as well as the reduced compressor efficiencies,
are dominant and lead to a poor COP. With increasing speed, the losses
decrease and the efficiencies improve, which leads to an increased
COP. However, above the optimal speed, the decreasing compressor
efficiencies become the dominant factor, resulting in a decline in the
COP.

3.3. Optimisation of part load performance

This section presents various measures for optimising the part load
operating behaviour of the HTHP at a supply temperature of 120 °C.
First, the influence of varying the evaporator superheat is analysed,
followed by an investigation of the influence of suction gas super-
heat on system performance. Finally, the optimal setting for maximis-
ing the COP is determined for each operating point by considering
combinations of IHX usage, evaporator superheat, and CHC.
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Fig. 15. COP as a function of compressor speed.

Variation of Evaporator Superheat

The superheat after the evaporator is controlled by the opening de-
gree of the expansion valve. If this opens further, the mass flow through
the evaporator increases, which leads to a reduction in superheat. Figs.
27 and 28 show the influence of superheat after the evaporator on the
COP and the heat source capacity at different compressor speeds. Three
speeds were selected for the measurements. 905 rpm represents the
lower part load range (frequency = 30 Hz), 1517 rpm the medium part
load range (frequency = 50 Hz), and 2100 rpm the upper part load
range (frequency = 70 Hz). At the nominal speed of 50 Hz, the COP
increases linearly with increasing superheat up to about 8 K, whereafter
it continues to rise slightly to a maximum of 2.89 at 10K. In the lower
part load range, a certain fluctuation of the measured values can be
seen, which can be attributed to suboptimal control in this operating
range. However, this observed increase in the COP with increasing
superheat, is influenced by competing effects including reduced mass
flow rate and altered evaporator conditions and therefore should not
be generalised beyond the conditions studied. In the upper part load
range, a comparatively strong increase in the COP at low superheat
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Fig. 16. Electrical power consumption as a function of compressor speed.

can be seen, remaining at an almost constant level from about 5K.
This phenomenon can be explained by the actual flow pattern after
the evaporator. At low nominal superheats below 5K, no completely
superheated vapour is present at the evaporator outlet. Instead, a
high-quality wet vapour is observed. The remaining liquid fraction is
entrained by the high flow velocities in the three-way valve and in the
pipes.

The apparent superheat indicated by the temperature sensor, despite
the two-phase flow, results from the inhomogeneous flow pattern. At
high vapour qualities above 95%, an annular flow typically forms, in
which a superheated vapour core is surrounded by a thin liquid film
on the pipe wall. The temperature sensor, which is typically positioned
within the vapour core, measures the local temperature of this vapour
portion, which may already exceed the saturation temperature. Simul-
taneously, the turbulent flow continues to carry liquid droplets and
wall films. This results in a thermal non-equilibrium, with the vapour
portion being locally superheated while liquid is still present in the
system. At minimum superheat, the measured sensible heat transfer
on the gaseous side is approximately 34% lower than that on the
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Fig. 17. Heat source capacity as a function of compressor speed.
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Fig. 18. Heat sink capacity as a function of compressor speed.

liquid side of the IHX. With increasing superheat, this discrepancy
decreases and approaches a plateau, reaching a deviation of about
14% from a superheat of 5 K onward. The measured superheat of
2K to 5K, therefore, does not reflect the complete evaporation of the
entire mass flow, but merely reflects the thermodynamic state of the
vapour core portion. A measured superheat of approximately 5K to 8K
is required to ensure that no liquid remains in the near-wall regions
and throughout the flow, and that a homogeneous single-phase vapour
flow is present. At high compressor speeds and thus high mass flows,
this effect is intensified, as the turbulent flow favours the entrainment
of liquid droplets. This two-phase flow at the compressor inlet leads
to several negative effects. Firstly, the volumetric efficiency of the
compressor is reduced, as the incompressible liquid phase occupies
volume but does not contribute to the delivery capacity. Secondly,
there is a risk of liquid slugging, which can cause mechanical damage
to the compressor. Additionally, heat absorption in the evaporator is
inhibited, as the incompletely evaporated liquid blocks part of the
evaporator surface and thus worsens heat transfer.
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Fig. 19. Isentropic efficiency as a function of compressor speed.
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Fig. 20. Volumetric efficiency as a function of compressor speed.

The lower COP observed at higher compressor speeds is consistent
with the part-load results discussed earlier. As compressor speed in-
creases, a reduction in isentropic and volumetric efficiencies can be
expected, accompanied by increased pressure losses in the system. In
addition, higher discharge temperatures at elevated speeds may impose
operational constraints or necessitate protective control strategies, fur-
ther limiting performance. These combined effects contribute to the
observed decrease in COP at high compressor speeds With increas-
ing nominal superheat at the evaporator outlet, evaporation becomes
progressively complete. From around 5K, the evaporation process is
practically complete and superheated vapour is present. This explains
the notable increase in heat source capacity from 2K to 5K by about
7%, as the entire evaporator surface is now being utilised effectively
and liquid blockage no longer occurs. Above 5K, the heat source
capacity remains almost constant, as further superheating only causes a
slight increase in heat absorption. Consequently, preventing two-phase
flow at the IHX inlet through adequate superheat settings results in the
observed significant COP improvement.
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Fig. 21. Discharge gas pressure as a function of compressor speed.
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Fig. 22. Suction gas pressure as a function of compressor speed.

The energy balance of the IHX is consistent with the incomplete
evaporation described above in the case of superheating below 5 K. The
heat released by the liquid refrigerant on the high-pressure side is con-
siderably greater than the sensible heat absorbed on the low-pressure
side from the supposedly superheated vapour. This discrepancy can
be explained by the evaporation of residual liquid droplets in the
IHX, whereby the evaporation enthalpy absorbed significantly exceeds
the sensible heat absorption. The IHX thus functions as an essential
safety component, ensuring complete evaporation and protecting the
compressor from liquid slugging, even if the main evaporator does not
achieve complete evaporation and superheating.

From the presented results, it can be deduced that a minimum
superheat of about 8 K should be set at the evaporator outlet to en-
sure safe and efficient operation of the HTHP in all operating states.
However, the influence is not so significant that a new value needs to
be optimised for every operating point.

Variation of Suction Gas Superheat

By adjusting the bypass position to vary the heat exchanger surface
area of the IHX, the superheating of the suction gas at the compressor
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Fig. 23. Condensing pressure as a function of compressor speed.
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Fig. 24. Evaporating pressure as a function of compressor speed.

inlet can be controlled, as described in Section 2.5. Figs. 29 and 30
show the influence of suction gas superheating on the COP and the
heat sink capacity at a compressor speed of 1517 rpm. The green dot
indicates the base case scenario with a suction gas superheat of 20 K.
In order to avoid overheating of the compressor motor and not to
exceed the permissible compressor outlet temperature, the operating
limits are 90°C for the suction gas temperature and 145°C for the
discharge gas temperature. With increasing suction gas superheat, the
COP increases approximately linearly. The same behaviour can also
be observed for the heat sink capacity, whereby there is no further
increase in thermal capacity above 30K. The linear increase of the
COP with increasing suction gas superheat can be explained by several
interrelated thermodynamic effects. The opening of the bypass results
in a greater proportion of the refrigerant mass flow passing through the
IHX, thereby increasing internal heat recovery. The liquid refrigerant
on the high-pressure side releases heat after the condenser and becomes
subcooled, while the vapour-phase refrigerant on the low-pressure side
continues to superheat after the evaporator. The subcooling of the
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Fig. 25. Condenser losses as a function of compressor speed.
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Fig. 26. Pressure losses as a function of compressor speed.

condensate on the high-pressure side positively impacts the entire
cycle. A low refrigerant temperature upstream of the expansion valve
significantly reduces flash gas formation during the expansion process.
Consequently, less refrigerant has already evaporated when it enters
the evaporator, leaving more evaporator surface area available for the
actual heat absorption from the heat source. As the temperature differ-
ence at the heat source remains constant, more heat can be absorbed
due to the improved surface utilisation in the evaporator, which leads
to an increase in heat source capacity and thus heat sink capacity.
Figs. 31 and 32 illustrate this correlation. As the suction gas superheat
increases, the heat source capacity increases while the condensation
pressure decreases linearly. This seemingly counterintuitive pressure
reduction can be explained by the interaction of enhanced condensate
subcooling, increased evaporator capacity, and elevated discharge gas
temperature, which leads to optimised heat transfer in the condenser,
thus enabling condensation at a lower pressure level. The reduction
in condensation pressure has a direct positive effect on compressor
efficiencies, as demonstrated in Figs. 33 and 34. With increasing
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Fig. 28. Influence of superheat after evaporator on heat source capacity as a
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suction gas superheat, both isentropic and volumetric efficiencies in-
crease approximately linearly and the electrical power consumption
of compressor decreases (see Fig. 35). This is primarily attributed to
the reduced pressure ratio in the compressor, resulting from the lower
condensation pressure at higher suction gas superheat. The results
highlight the significant influence of suction gas superheating on the
efficiency and performance of the HTHP. In order to optimise the
operation of the heat pump, a maximum suction gas superheating
should be achieved. The combination of increased suction gas superheat
and reliable evaporator superheat thus represents an effective measure
for improving the part load behaviour of the HTHP. The potential of
this approach is illustrated in the following section by combining both
measures.

Optimisation of the Part Load Behaviour of an HTHP

Figs. 36 and 37 illustrate the results of the optimisation measures
in part load operation across the entire speed range. The colour of
the measurement points indicates the suction gas superheat setting,
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Fig. 30. Heat sink capacity as a function of suction gas superheat.

while the marker shape distinguishes the measurement series. The base
scenario is illustrated as a circle with a constant suction gas superheat
of 20K, whereas squares represent the optimised scenario combining
evaporator superheat with variable suction gas superheat. Based on
the previous analyses, the evaporator superheat is set to 8K for all
measurements in the optimised scenario, ensuring complete evapora-
tion and efficient IHX utilisation. As illustrated in Fig. 36, the suction
gas superheat decreases as the compressor speed increases. This can be
explained by the decreasing isentropic efficiency with increasing speed,
which leads to increased discharge gas temperatures. Consequently,
the amount of heat recuperated in the IHX must be reduced in order
to comply with the operating limits of the compressor. Consequently,
a reduction in suction gas superheat is required at higher speeds.
Nevertheless, it can be seen that an adjustment to the IHX usage and
evaporator superheat results in a significant improvement in the part
load behaviour of the HTHP. The optimal operating point at 750 rpm
shows an increase in the COP of 22% compared to the base scenario
and a maximum COP of 3.21 at a speed of 1058 rpm is reached. This
corresponds to a COP ¢, Of 49% and a COPy ., of 31%.
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Fig. 37 presents the optimised measurement series with additional
cylinder head cooling (CHC) at higher compressor speeds, represented
by diamond symbols. JeBberger et al. [42] demonstrated that the use
of CHC has only a minimal direct impact on compressor efficiencies.
Furthermore, they show that the isolated use of the CHC without
suction gas superheat optimisation does not positively influence system
efficiency of an HTHP. The discharge gas temperature can be lowered
by up to 12K, but the reduction in heat sink capacity caused by this
cannot be compensated for by waste heat utilisation in the compressor.
However, in combination with increased suction gas superheat, CHC
contributes positively to efficiency improvement by enabling higher
suction gas superheat at elevated compressor speeds without exceeding
operational limits.

As can be seen in Fig. 37, the additional use of the CHC in
combination with the optimised settings for the evaporator and suction
gas superheating allows the part load behaviour in the higher speed
range to be further optimised. Thus, at maximum speed of 2100 rpm,
a COP of 2.8 can be achieved. This corresponds to an improvement
of 9% compared to the base scenario and an improvement of 2.6%
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Fig. 34. Volumetric efficiency as a function of suction gas superheat.

compared to IHX-optimisation. Through the CHC, suction gas superheat
can be further increased without exceeding the operating limits of the
compressor. At lower compressor speeds, the suction gas temperature
limit is the limiting factor for further optimisation, so the usage of the
CHC would not be beneficial. Overall, it has been demonstrated that
the combination of increased suction gas superheat, reliable evaporator
superheat, and the use of the CHC represents an effective strategy
for optimising the part load behaviour of the HTHP. The efficiency
increases achieved highlight the potential of these measures for the
practical use of HTHPs in variable operating conditions. Fig. 38 shows
the log(p)-h diagram of the optimised part load operation with IHX
and CHC at a compressor speed of 2100 rpm. The increased suction
gas superheat at the compressor inlet and the reduced condensing
temperature are clearly visible through the use of the CHC.

16

Applied Thermal Engineering 302 (2026) 131700

8.85 Campaign ]
—0—60/120

8.8 1
—8—THX,,

8.75
8.7
=4 8.65
~
Q:“ 8.6
8.55
8.5
845+
841 ‘ . ]
15 20 25 30 35
AT’SH,suc / K
Fig. 35. P, as a function of suction gas superheat.
33— T T T T T :
o gy e n
3.1 -i’ \@\\ 40
3r \E;L v
' L N 35 ~
g 2.9 @\ E
S 28} Qé_éixi @\@ 302‘”
2.7 it b
2.6 //g i “i C 25
25/ @ |
20
24

800 1000 1200 1400 1600 1800 2000
n / min™!

Fig. 36. Performance optimisation in part load operation: Influence of IHX
and suction gas superheating (IHX+SH).
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4. Conclusion

This study highlights the critical role of the part load performance
of HTHPs in achieving decarbonisation goals, particularly in industrial
energy systems and district heating networks. Comprehensive exper-
imental measurement campaigns were conducted for a wide range
of part load and off-design conditions. The test rig has a maximum
thermal capacity of 37 kW and enables supply temperatures of up
to 140°C. In addition to an IHX, the system is equipped with water-
cooled cylinder heads, enabling the recovery of compressor waste heat.
The IHX includes a bypass line, which enables variable control of the
recuperated heat and thus precise regulation of the suction-gas super-
heat. The refrigerant used is the hydrochlorofluoroolefin R1233zd(E),
a synthetic refrigerant with low global warming potential (GWP = 1)
and favourable thermodynamic properties for use in HTHPs.

The off-design analysis revealed a linear decrease in COP from 4.83
to 1.93 with increasing temperature lift up to 80K, while secondary
side variations showed that a larger temperature difference at the con-
denser raised the COP from 2.88 to 3.39, whereas a larger temperature
difference at the evaporator reduced it from 3.46 to 2.95. In part load
operation, the efficiency characteristic depends heavily on the supply
temperature; at 90°C, the COP dropped continuously from 4.67 to
3.63, while at 120°C, increased relative heat losses shift the optimum
to 1211 rpm with a peak COP of 2.78. Optimisation of the system
parameters demonstrated that the suction gas superheat has the most
significant impact, allowing for a COP increase of up to 22% at 120°C
supply temperature and net frequency. Conversely, the evaporator
superheat had only a minor influence on the system efficiency and was
fixed at 8K. It was further shown that utilising cylinder head waste
heat is beneficial at high speeds, as it reduces discharge temperatures
and increases the potential use of recuperated energy. However, it
proves detrimental at low speeds, where the suction gas temperature
becomes the limiting factor. Nevertheless, the study is subject to certain
limitations. The experimental setup utilised R1233zd(E), a synthetic
refrigerant. In addition, the effective variation of suction gas superheat
requires an oversized IHX, which may impact system cost and volume
in practical applications. Furthermore, the results are specific to the
tested piston compressor with a frequency converter and may differ for
other compression and part load control technologies.

Overall, the results highlight the necessity of adapted control strate-
gies for suction gas superheat and active cooling to maximise efficiency
across the entire operating envelope.

The analysis of the operational behaviour of the laboratory system
presented in this study clearly reveals significant optimisation potential
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under part load and off-design conditions. The following key findings
at the system integration level can be highlighted:

The temperature lift has the strongest influence on the efficiency
of the HTHP. The system design should therefore aim to minimise
the temperature lift within the intended operating range.

A maximum mass flow rate on the heat source side leads to
small temperature differences at the evaporator and consequently
increases the evaporation pressure. This reduces the pressure ratio

and improves the heat pump efficiency.

The temperature difference on the heat sink side should be se-
lected as large as possible (i.e. minimum return temperature
of the district heating network). This reduces the condensation
pressure and increases the heat pump efficiency.

The superheat after the evaporator is strongly dependent on the
refrigerant. Optimising the suction gas superheat can enhance
heat pump efficiency, particularly under part load conditions.
The use of an oversized internal heat exchanger allows flexible

adjustment of the suction gas superheat and can improve part
load efficiency. The superheat should be maximised within the
compressor’s operational limits.

The utilisation of the compressor waste heat can further in-
crease the HTHP efficiency and enable more reliable compressor
operation.

The part load behaviour of the HTHP can be optimised through
the implementation of advanced control strategies, enabling the
system to operate more efficiently at low compressor speeds than
at its nominal design point.

These findings provide a foundation for further advancements in HTHP
technology, paving the way towards more efficient and sustainable
energy systems. Future studies can focus on validating these optimi-
sation approaches with natural low-GWP refrigerants and different
compressor technologies to enhance the generalisability of the findings.
In addition, a techno-economic analysis is recommended to evaluate
whether the efficiency gains associated to the oversized internal heat
exchanger are sufficient to justify the increased system cost and vol-
ume. Finally, the operational limits of steam generation and its control
under off-design conditions should be investigated to further enhance
the operating range of HTHPs.
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BS Base scenario (-)

COP Coefficient of Performance (-)

cond Condenser (=)

dis Discharge (-)

evap Evaporator (-)

Ogink Heat sink capacity (kW)

Ve Refrigerant Volume flowrate (m3s~!)

A Difference (-)

Py Electrical power consumption (kW)
big Pressure ratio (-)
Nvol Volumetric efficiency (-)
Mlisen Isentropic efficiency (-)
titwg Refrigerant mass flowrate (kgs~!)
h Enthalpy (kJkg™")
Compressor speed (min™1)
p Pressure (bar)
SH Superheat (-)
suc Suction (-)
T Temperature (°C)
THX Internal Heat Exchanger (-)
r Cylinder inner radius (m)
rpm Rounds per minute (min™ 1)
GWP Global Warming Potential (CO,e)
ODP Ozone Depletion Potential (R-11e)
HCFO Hydrochlorfluorolefine (-)
HFO Hydrofluorolefine (-)
HTHP High Temperature Heat Pump (-)
CHC Cylinder head cooling (-)

s Piston stroke (-)

sink Heat sink (-)

source Heat source (-)

WF Working fluid (-)

z Number of cylinder (-)
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Appendix. Supplementary data

The experimental dataset is made publicly available (see JeBberger
et al. [38]) and provides comprehensive measurements of the high-
temperature heat pump under part load and off-design conditions. It
can be directly used for modelling, simulation validation, and the de-
velopment of control strategies. Furthermore, the data support research
on system-level optimisation, working fluid assessment, and industrial
integration of high-temperature heat pumps.
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